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Abstract

A combined theoretical and experimental thermal analysis is conducted on the plates within a wet clutch for one engagement. An
analytical model using the separation of variables technique is developed to simulate the temperature rise due to the non-conservative
friction and relative motion between the steel plates and friction plates of the clutch. A complimentary numerical model is also developed
to compute the temperature distribution in the steel plate. The experiment performed included a wet clutch instrumented with thermo-
couples and installed in a power-shift transmission where the temperature rise during one clutch engagement was measured. The total
energy is then estimated by accounting for system inertia, torque and rotating speeds. Finally, the temperature rises predicted by the
analytical and numerical models are validated with the experimental data.
� 2007 Elsevier Ltd. All rights reserved.
1. Introduction

High power rated automatic transmissions are widely
used in engineering applications involving large agricul-
tural tractors and off-highway vehicles, such as military
transport and crash-fire rescue trucks. An automatic trans-
mission, also known as a power-shift transmission, includes
numerous elements involved in the transmission of energy
and provides the necessary torque to perform the mechan-
ical work given a particular operating condition. The
changing of transmission output torque is accomplished
by taking the input shaft speed of the transmission and
providing a modified output speed via the fixed ratio gear
trains. The element obligated to synchronize these speeds
while changing gear ratios is the wet clutch assembly.

The wet clutch assembly consists of multiple friction
plates and steel plates, with clamp force imparted by a
hydraulic piston. When the clutch is disengaged, the fric-
tion and steel plates rotate independent of each other.
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The core of the friction plate and the steel plate is typically
made from plain carbon steel. Each friction plate face is
lined with a paper-based, bronze-based or carbon fiber
materials. The steel plates are mated to one splined member
(i.e. shaft, hub, gear ring, etc.) and the friction plates are
mated to a second splined member. The engagement pro-
cess begins when hydraulic pressure is applied to one side
of the piston resulting in axial movement along the shaft.
Sufficient hydraulic pressure is applied to compress the fric-
tion and steel plates, therefore eliminating the relative rota-
tional speeds and causing the corresponding gears and
shafts to rotate at constant fixed ratios.

The process of engagement is divided into three stages.
The first stage, often called the ‘‘hydrodynamic stage” or
‘‘squeeze stage”, involves no contact between the friction
and steel plates while each plate is separated by a film of
fluid. Torque that might be transferred through the clutch
during this stage is done through the viscous shear of the
oil, and fluid motion is governed by the theory of hydrody-
namic lubrication. But typically the inertia load is signifi-
cant enough to resist friction plate rotation and thus
torque transfer. The second stage, called ‘‘boundary lubri-
cation stage” or ‘‘squash stage”, begins when hydraulic
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Nomenclature

a constant, Eq. (18)
A coefficient in numerical analysis, Eq. (27)
Am constant in series solution, Eq. (10)
Amn constant in series solution, Eq. (17)
Bm constant in series solution, Eq. (10)
b constant, Eq. (18)
cp specific heat (J/kg/K)
C cylinder function defined in Eq. (11)
e energy dissipation rate (W/s), Eq. (33)
E total energy dissipation (W), Eq. (34)
f fraction of heat entering steel plate (W), Eqs.

(24) and (25)
F clutch engagement force (N), Eq. (34)
H plate thickness (mm)
I inertia (kg m2)
Jn Bessel function of first kind
k thermal conductivity (W/m/K)
N number of friction surfaces
q heat flux (W/m2)
r radius or radial direction (mm)
R function of r defined in Eq. (6)
S heat partition factor, Eq. (25)
T torque (N m)
t time (s)
U uncertainty
Yn Bessel function of second kind
z axial direction (mm)
Z function ofz defined in Eq. (6)

Greek symbols

a thermal diffusivity (m2/s)
c eigenvalue

e error percentage of convergence test
h eigenvalue
q density (kg/m3)
l dynamic coefficient of friction
H temperature (�C)
F function of time defined in Eq. (5)
w rotational speed (rad/s)

Subscripts

ave average
d dynamic torque clutch capacity
E east of point in axial direction
f friction plate
i inside
in input
N north of point in radial direction
o outside
out output
m variable index
n variable index
P point of analysis
s steel plate
S south of point in radial direction
W west of point in axial direction
0 Bessel function order
1 Bessel function order

Superscripts

k time step index
‘‘ heat flux index
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pressure is applied to the piston and the asperities of the
friction material contact the steel plate. The majority of
the torque transferred through the clutch during this stage
is done at the points of material contact and not through
the oil shear. The third stage, known as the ‘‘full mechan-
ical contact” or ‘‘lock-up” stage, is reached when no rela-
tive motion exists between the plates. This stage has no
heat generation between the plates, and the plates begin
to cool as heat is transferred to the oil passing through
the grooves of the friction material.

During the boundary lubrication stage of engagement,
the kinetic energy of the relative motion is absorbed during
the slippage in the form of heat until no relative motion
exists. Although undesirable from a thermal standpoint,
this slippage is necessary to allow for the gradual accep-
tance of the load by the prime mover without stalling or
shocking the system with a rapid acceleration. Shigley
and Mischke [1] state that torque capacity is limited by
the characteristics of the material and the ability of the
clutch to dissipate heat. If the heat is generated during
the synchronizing period faster than it is dissipated, the
temperature rise in the plates will cause thermal failure of
the clutch. Several different modes of thermal failure are
identified by Anderson and Knapp [2] as coning, ‘‘hot spot-
ting” of the steel plates, smearing of the friction material on
the mating steel plate and excessive oil temperature leading
to the breakdown of its properties.

Parameters of wet clutch design focus on torque capac-
ity and engagement time. Payvar [3] states that nearly all
the heat generated during a ‘‘typical” engagement, where
slip time lasts from 0.2 to 2.0 s, is absorbed by the steel
plates. A negligible amount of heat is transferred to the
oil flowing between asperity contact points and though
the grooves in the friction material. For cases where the
clutch modulates the transmission output speed to slowly
accelerate significant loads relative to its design capacity,
slip times often exceed 5.0 s or greater. In these cases plate
temperatures will reach a steady state value after a few sec-
onds given an adequate oil flow to dissipate the heat. The
steady state temperature of the plates in this case is depen-



Fig. 1. Subject power-shift transmission.
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dent on the heat transfer coefficient of the oil. In addition,
friction plate temperatures cannot be neglected in extended
engagement cases and when higher conductivity materials
are used on the friction plate surface.

In early thermal analysis studies of wet clutch systems
(e.g., [4,5]), empirical models were developed from experi-
mental methods and simplified one-dimensional analytical
models of heat conduction between plates. A more compre-
hensive analysis was done by Schade [6] with an improved
finite difference numerical scheme and confirmed experi-
mentally by measuring the temperature rise due to friction
in the transmission. El-Sherbiny and Newcomb [7] simu-
lated the clutch engagement with a finite element model
that included the hydrodynamic effect. Zagrodzki [8,9]
numerically calculated the temperature fields and the ther-
mal stress distribution of steel plates within a multi-disc
clutch and analyzed the thermal effects of the normal
hydraulic pressure distribution on the plates. The most
comprehensive numerical studies to date were performed
by Natsumeda and Miyoshi [10], complemented with addi-
tional considerations by Jang and Khonsari [11]. Notable
factors included were surface-roughness, friction lining per-
meability and waviness, fluid viscous dissipation effects and
friction material groove effects. However, simulations of
clutch engagements to produce temperature gradients
within the steel plates were not validated with an experi-
ment. Energy and fluid flow governing equations within a
wet clutch were coupled and solved simultaneously with
finite difference techniques by Yang et al. [12]. The temper-
ature gradients and resulting heat transfer were deter-
mined, and compared favorably with the measured
interface temperatures.

More recent analysis of a wet clutch was completed by
Tatara and Payvar [15] expanded on work previously done
by Payvar and Majumdar [16], and numerically determined
the convective heat transfer coefficient for the oil in various
friction plate groove patterns. A finite volume approach
was used in this case [15] and a validated with experimental
data. A finite volume approach was also used by Lai [17] in
developing a full three-dimensional thermal model for pre-
dicting the transient response of a clutch pack. These cases
[15–17] were all highly complex models validated with a
simplified typical experimental setup.

The objective of this paper is to analyze the transient
temperature response within a wet-clutch system for one
‘‘typical” engagement of a power-shift transmission. Based
on the sensitivity of the steel plate to thermal failure (i.e.
buckling, coning or focal hot spotting) due to its higher
thermal load relative to the friction plate, an analysis of
the temperature field of a steel plate will be done analyti-
cally, numerically and experimentally. From all earlier
studies regarding wet-clutch thermal energy analysis, none
have been found with experimental data collected from wet
clutches coupling a continuously rotating driver to a driven
inertia free to rotate (i.e., the objective of an automotive
transmission clutch). Often tests simulate the clutch action
by locking the output and operating the clutch as a brake.
For instance, experimental works done by Johnson [13]
and Pacey [14] on a power-shift transmission clutch used
this method. Although the brake action does simulate the
lock-up action of a clutch, dynamic characteristics of the
system during a typical clutch engagement can not be seen
which may affect thermal energy studies.

Details of this study include an engagement process
where it is assumed that the temperature fields are axis-
symmetric, leading to a two-dimensional model (radial
and axial). The two-dimensional transient governing equa-
tion for the heat conduction will be solved both analytically
and numerically given experimental heat energy input data.
The surface temperature of the steel plate at the mean
radius is collected during the experiment. Then, a simple
model is developed to estimate the energy partition into
each plate. Once the energy partition is known, the heat
flux input into the steel plates can be calculated and then
be used in the analytical and numerical calculations to
determine the temperature fields in the steel plate. All three
results are then compared.

2. Analytical model

In a wet-clutch system, the heat generation is due to the
relative motion between the friction and steel plates of a
power-shift transmission during engagement. Fig. 1 shows
the cross-sectional view of the transmission with the
clutches noted. The engagement process occurs within each
clutch under required operating conditions.

Considering the geometry of the plates (see Fig. 2), the
governing heat conduction equation in cylindrical coordi-
nates is as follows:
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Fig. 2. Subject transmission plates.
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The thermal property for each material considered here is
assumed constant and the temperature variation in the
angular direction is assumed to be negligible. This was jus-
tified by Schade [6] and further supported by the fact of the
relatively low temperature rises in the experimental engage-
ments performed. It is further assumed that both steel plate
and friction plate can be approximated by concentric cylin-
ders (i.e., without gear teeth).

Only the plate engagement is considered in this study.
The boundary conditions for this case can be assumed to
be adiabatic at the inside and outside radius surfaces of
the steel plate (see Eq. (2)). The two steel plate surfaces that
are in contact with the friction plates are assumed to have a
given constant heat flux boundary condition (see Eq. (2)).

oH
or
ðRi; z; tÞ ¼ 0;

oH
or
ðRo; z; tÞ ¼ 0; k

oH
oz
ðr; 0; tÞ ¼ �q001;

k
oH
oz
ðr;H ; tÞ ¼ q002; Hðr; z; 0Þ ¼ Ho ð2Þ

It can be seen that the boundary conditions are non-
homogenous due to the heat inputs into the steel plates
from the axial contact surfaces. In order to apply the meth-
od of separation of variables in solving the governing equa-
tion, the following general form of solution is applied:

H ¼ H� � az� bz2 � ct ð3Þ

Within Eq. (3), the temperature term H*, constitutes the
homogenous solution, while the additional terms account
for the non-homogeneous boundary conditions and pre-
vent a runaway solution. Applying Eq. (3) to the non-
homogenous boundary conditions, Eq. (2), and letting
the boundary conditions become homogeneous, the solu-
tions for the values of a, b and c are found to be:

a ¼ q001
k
; b ¼ �ðq

00
1 þ q002Þ
2kH

; c ¼ 2kb
qcp

ð4Þ
Now that the non-homogenous boundary conditions have
been dealt with, the non-homogenous boundary conditions
can be set equal to zero withH replaced byH* and the initial
condition becomes:

H�ðr; z; 0Þ ¼ H0 þ azþ bz2 ð5Þ

The assumed homogenous solution Eq. (5) can then be ap-
plied to Eq. (1) as follows:

H� ¼ H�ðr; z; tÞ ¼ RðrÞZðzÞUðtÞ ð6Þ

The assumed solution is then differentiated with respect to
r, z and t as needed to substitute into Eq. (1). Upon sepa-
ration of variables it is seen that a function of t is equal to a
function of r plus a function of z. The only way functions
of r and functions of z can be equated to a function of t is if
they are constant. The function of r and function of z can
be rewritten as two ordinary differential equations:

R00ðrÞ
RðrÞ þ

1

r
R0ðrÞ
RðrÞ

� �
¼ �g2;

Z 00ðzÞ
ZðzÞ ¼ �c2 ð7Þ

The first differential equation in Eq. (7) can be solved in the
form of the Bessel Equation, with the known general solu-
tion to be:

RðrÞ ¼ AJ 0ðgrÞ þ BY 0ðgrÞ ð8Þ

When the boundary conditions are applied to Eq. (8), two
homogeneous algebraic equations are formed. In order for
the solutions to exist, Cramer’s rule was used, which states
that the denominator component of the determinant of the
two equations must equal zero, leading to the eigen-condi-
tion as follows:

J 1ðgRiÞY 1ðgRoÞ � J 1ðgRoÞY 1ðgRiÞ ¼ 0 ð9Þ

Note that Eq. (9) is solved numerically to find the eigen-
values gm. Now the solution in the r direction, Rm(r), can
be written as

RmðrÞ ¼ AmJ 0ðgmrÞ þ BmY 0ðgmrÞ ð10Þ
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The Bessel functions of the first and second kind combined
as in Eq. (10) can be rewritten using the definition of a cyl-
inder function:

C0ðgmrÞ ¼ J 0ðgmrÞ þ DY 0ðgmrÞ ð11Þ

where : D ¼ Bm

Am
¼ � J 1ðgmRoÞ

Y 1ðgmRoÞ
¼ � J 1ðgmRiÞ

Y 1ðgmRiÞ

Therefore, the expression for Rm can be written as

Rm ¼ C0ðgr
mÞ for m ¼ 1; 2; 3; . . . ð12Þ

Note that any constant within the expression for Rm is ab-
sorbed in the constant for the entire homogenous solution,
Eq. (6).

The ordinary differential equation for Z(z) in Eq. (7) can
be written in the form:

Z 00ðzÞ þ c2ZðzÞ ¼ 0 ð13Þ

After applying the homogeneous boundary conditions to
Eq. (13), the eigenfunction and corresponding eigenvalues
can be written as follows:

ZnðzÞ ¼ cosðcnzÞ; cn ¼
ðn� 1Þp

H
; for n ¼ 1; 2; 3; . . .

ð14Þ

The expressions for Rm(r) and Zn(z) can now be used to
find an expression for H(t). By substituting Eq. (3) into
the governing equation (Eq. (1)), the governing equation
takes the following form:

1

a

X1
m

X1
n

RmðrÞZnðzÞUðmntÞ

¼
X1

m

X1
n

R00mðrÞZnðzÞUmnðtÞ þ
1

r
R0mðrÞZnðzÞUmnðtÞ

þ RmðrÞZ 00nðzÞUmnðtÞ ð15Þ

Since the Rm and Zn are eigenfunctions and are orthogonal
functions, an ordinary differential equation for U(t) can be
found by applying orthogonality to Eq. (15). This leads to
the following equation:

dUmn

dt
¼ �að1þ c2

nÞUmn ð16Þ

The general solution to this differential equation is:

UmnðtÞ ¼ Amne�að1þc2
nÞt ð17Þ

In order to determine the coefficient Amn, the assumed solu-
tion of Eq. (3) is rearranged and equated to the terms of the
homogeneous solution Q*.

H� ¼
X1

m

X1
n

RmðrÞZnðzÞUmnðtÞ ¼ Hþ azþ bz2 þ ct ð18Þ

When the initial condition is applied, the last term on the
right side is dropped and Umn(0) is treated as a constant.
for n ¼ 1 :

Amn ¼
HoH þ 3

2
aH 2

� �
1

lm
RoC1ðlmRoÞ

� 	
3
4
H

� �
1
2
R2

oC2
1ðlmRoÞ � R2

i C2
0ðlmRiÞ

� � ð19Þ

for n > 1 :

Amn ¼
1
c2

n
ðcosðcnHÞ � 1Þ þ 2bH cosðcnHÞ

c2
n

� 	
1

lm
RoC1ðgmRoÞ

� 	
H
2

� �
1
2
R2

oC2
1ðgmRoÞ � R2

i C2
0ðgmRiÞ

� �
ð20Þ

Therefore, the solution is complete with all terms known
for Eq. (3), and a theoretical temperature response over
time may be obtained for any point in the steel plate given
a heat input for the previously stated boundary conditions.

Hðr; z; tÞ ¼
X

Amne�að1þc2
nÞtC0ðgmrÞ cosðcnzÞ � q001

k

� �
z

þ q001 þ q002
2kH

� �
z2 þ q001 þ q002

qcpH

� �
t ð21Þ

Note that a similar solution can also be derived for the fric-
tion plate with the only differences in material properties,
thickness and the heat flux inputs.

Series convergence tests have been performed for typical
cases. The series solution, Eq. (21), was checked by chang-
ing the series from 25 � 25 terms to 50 � 50 terms. It was
found that the temperature differences only change for less
than 1% in initial transient time up to 10 ms, and decrease
to less than 0.1% after 50 ms. Thus, 50 � 50 terms is con-
sidered sufficient for the present study and is used
throughout.

2.1. Energy partition

The heat generated at the interface of the steel and fric-
tion plates is due to the friction force along the contact
region caused by the relative motion between the friction
and steel plate. The generated heat may either enter the
friction or steel plates. Thus, ‘‘partitioning” is defined as
the fraction of the energy entering the material of interest.
This energy partitioning can be obtained by matching the
surface temperature at the interface of two different mate-
rials as shown by Yuen [18]. For simplicity, a stationary
transient one-dimensional semi-infinite solid assumption
is made to approximate the temperature distribution in
both the steel and friction plates. The general solution of
a constant heat flux input at the surface is as follows (Incr-
opera and DeWitt [19]):

Hðz; tÞ �Ho ¼
2q00

ffiffiffi
at
p

p
k

exp
�z2

4at

� �
� q00z

k
erfc

z

2
ffiffiffiffi
at
p

� �
ð22Þ

When Eq. (22) is applied at the interface (i.e. z = 0), the
exponential term and error function term drop since z is
zero at the surface. By matching the interface temperature
at the steel and friction plates, the following equality can be
stated:



Table 1
Gird convergence test

Grid Size Time
step (s)

Location 1 z = 0 mm
r = 88.9 mm t = 0.6 s

Location 2 z = 1.2 mm
r = 88.9 mm t = 0.6 s

25 � 25 0.20 14.798 �C 13.805 �C
25 � 25 0.10 14.331 �C 13.405 �C
25 � 25 0.05 14.100 �C 13.209 �C
50 � 50 0.20 14.464 �C 13.492 �C
50 � 50 0.10 14.007 �C 13.101 �C
50 � 50 0.05 13.781 �C 12.909 �C
100 � 100 0.20 14.307 �C 13.345 �C
100 � 100 0.10 13.854 �C 12.957 �C
100 � 100 0.05 13.630 �C 12.767 �C
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q00
ffiffiffi
a
p

k

� �
s

¼ q00
ffiffiffi
a
p

k

� �
f

ð23Þ

Note that the value of the total heat generated at the inter-
face can be determined experimentally. The heat that enters
the friction plate and steel plate is as follows:

q00s ¼ fq00; q00f ¼ ð1� f Þq00 ð24Þ

The heat partition factor S is determined from the material
physical properties as follows:

f ¼ 1

S þ 1
where S ¼ kf

ks

� � ffiffiffiffi
as

af

r
ð25Þ

Later, it will be shown that most of the heat generated is
transferred to the steel plate. With the known energy par-
titioning, the heat that enters each of the plates can be esti-
mated, thus the temperature distribution in each plate can
be calculated using Eq. (21).

3. Numerical analysis

For the given governing equation (Eq. (1)), the depen-
dent variable temperature can also be solved numerically
several different ways. A fully implicit method is used in
the present study. An expression for temperature can be
found by discretizing the governing equation:

qc
Hnþ1

P �Hn
P

Dt
¼ k

Hnþ1
N þHnþ1

S � 2Hnþ1
P

Dr2
þ k

1

rP

Hnþ1
N �Hnþ1

S

2Dr

þ k
Hnþ1

E þHnþ1
W � 2Hnþ1

P

Dz2
ð26Þ

In Eq. (26), n represents the previous time and n + 1 is the
current time that is one time step from time n, which can be
rearranged in the form:

ANHnþ1
N þ ASH

nþ1
S þ AEHnþ1

E þ AWHnþ1
W � APH

nþ1
P

¼ �Hn
P ð27Þ

where

AN ¼
aDt
Dr2
þ 1

rP

aDt
2Dr

; AS ¼
aDt
Dr2
� 1

rP

aDt
2Dr

;

AE ¼ AW ¼
aDt
Dz2

; AP ¼
2aDt
Dr2
þ 2aDt

Dz2
þ 1

The solution of the finite difference equation (Eq. (26)) is
driven by the boundary conditions previously defined
(Eq. (2)). For each of the four boundaries considered, a
boundary condition of the second type (or Neumann
boundary condition) exists in the form of a defined heat
flux in the axial direction and zero heat flux in the radial
direction. Using a second-order parabolic fit, the general
form of the boundary condition for a constant grid reduces
to:

oH
on

� �
n

¼ �Hnþ2 þ 4Hnþ1 � 3Hn

2Dn
ð28Þ
For an adiabatic case:

Hn ¼
�Hnþ2 þ 4Hnþ1

3
ð29Þ

For a given heat flux case:

Hn ¼
�Hnþ2 þ 4Hnþ1

3
þ qw2Dn

3k
ð30Þ

A line-by-line method is used in this study to compute the
matrix generated from Eq. (27). Note that in this case iter-
ations are required to obtain the intermediate (n + 1)* step
solution.

3.1. Convergence test

The solution of the finite difference equation, Eq. (26), is
obtained iteratively. Differences in point-wise temperatures
were used to check the convergence. The error e between
two temperatures at each time step corresponding to con-
secutive iterations k and k + 1 are defined as

e ¼
jHkþ1

i;j �Hk
i;jj

Hkþ1
i;j

� 100% ð31Þ

This error must be less than the specified tolerance. In this
study the tolerance was set equal to 10�5. To test grid con-
vergence, the time step Dt, the number of nodes in the space
coordinate r and z are listed in Table 1. It can be seen from
the table that the maximum error was less than 1.2% at
location 1 (midpoint of ri and ro at surface) and 1.1% at
location 2 (midpoint of ri and ro and half-thickness), when
the mesh size increases from 50 � 50 to 100 � 100 for time
step size 0.05 s. Based on the grid convergence test, a time
step size of 0.05 s, 50 nodes and 50 nodes in r and z direc-
tions is considered sufficient and is used for the calculations
presented in this work.

4. Experimental setup

An experiment was carried out using a standard produc-
tion power-shift transmission consisting of multiple wet-
clutch assemblies, one of which being the test subject.
The test arrangement included a 746 kW (1000 hp) variable
speed DC motor as the prime mover with an external speed
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increasing fixed ratio gear box. This gear box output was
coupled to the transmission input with a shaft, which
included a torque meter. The drive path through the trans-
mission up to the test subject clutch (CLUTCH#5), which
includes another engaged clutch (CLUTCH#1) and trans-
fer gear (adjacent to CLUTCH#3). The output from the
subject clutch is transferred to the differential gear assem-
bly, which was placed in its lock-up mode to ensure that
all torque would be transmitted to the load. The differential
output was coupled to the load with a shaft which included
a second torque meter. The load consisted of a set of 10
steel plates, each 25.4 mm (1 in.) thick by 762 mm (30 in.)
diameter, secured to a shaft.

The steel plates of the test subject clutch were instru-
mented with thermocouples to measure the temperature
changes associated with the engagement process. Detailed
dimensions of the steel plates and routing of the thermo-
couple wires are given in Fig. 4. The thermocouples were
installed in the two steel plates noted in Fig. 3. The plates
INPUT
TORQUE

OUTPUT
TORQUE

DRIVER
GEAR

Fig. 3. Test subject clutch and th
were modified by drilling a 1.56 mm (0.061 in.) radial hole
through the steel plate, centered over the 2.64 mm
(0.104 in.) thickness, and cross-drilling a hole through the
face at half the distance between the inside and outside
radii. The cross-drilled hole was then counter-sunk slightly
(see Fig. 4) to provide a landing for securing the thermo-
couple. Also detailed in Fig. 4 is the Type J thermocouple
junction welded to the countersunk area, adjacent to the
surface. The hole was then filled with a ceramic and the
wires were routed down through the clutch hub and shaft,
to a slip ring located on the end of the shaft. From the slip
ring, the thermocouple wires were connected to a DATAQ
DI500 data acquisition card run with a laptop computer
containing a 486 processor. Other measurements read in
conjunction with the temperatures included the input tor-
que and speed, output torque and speed, and clutch pres-
sure. Both input and output torque measurements were
made using strain gauge type torque meters. Each signal
was excited and amplified with a separate Daytronic 3200
PISTON – 
As shown, the 
hydraulic force drives 
piston to the left.

FRICTION PLATES – 
External teeth of friction 
plates are coupled to the 
driver hub splines.  

STEEL PLATES – 
Internal teeth of steel 
plates are coupled to the 
driven hub splines.  

ermocouple plate locations.



Thermocopule ID Plate Position (relative to picture above)
1 A 12:00 position
2 A 3:00 position
3 B 12:00 position
4 B 3:00 position

Fig. 4. Thermocouple locations and plate modifications.
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signal conditioner, then fed into the data acquisition card.
The input and output speeds were sensed with Hall Effect
magnetic pick-ups located above a sprocket on the input
shaft and a gear within the transmission on the output side
of the subject clutch. Each frequency signal was converted
into a voltage with separate Vidar signal conditioners, then
fed into the data acquisition card. The clutch actuating
pressure was sensed at the oil collector cover of the subject
clutch with a stain gauge based pressure transducer. This
signal, as with the torque measurements, was excited and
amplified with Daytronic 3200 signal conditioners, then
fed into the data acquisition card. In summary, a total of
nine input signals, or channels, were configured with the
data acquisition system. Each channel was configured to
record data at a sample rate of 1000 samples per second.

For a typical engagement trial, the motor speed was set
constant such that transmission input speed was 1000 rpm
while the output inertia load was manually held stationary.
With the subject clutch established as the disconnect
device, the engagement process began by increasing the
oil pressure behind the piston of the subject clutch in a lin-
ear ramp profile. The oil pressure was controlled manually
with a potentiometer which modulated the current of the
solenoid valve for the clutch apply pressure. As the pres-
sure was increased, it reached a point where it combined
with the centrifugal pressure effect to overcome the oppos-
ing force of the return spring. At this point, with the piston
oil pressure approximately 689 kPa (100 psi), the contact
between the friction and steel plates was initiated (i.e.,
beginning of the second stage of engagement). Oil pressure
was continually increased in the same linear ramp-like pro-
file until the solenoid valve was fully open. Note that the
clutch pressure at which no relative motion between the
plates occurred, beginning at the lock-up stage, was
approximately 827 kPa (120 psi). Also note that this point
of lock-up is unique for this application and would change
for a different inertia or different input speed.
5. Results and discussion

The magnitude of the heat generated due to the friction
between steel and friction plates can be determined using
the data recorded from the experiment trails. Newton’s sec-
ond law of motion governs the torque relationship at the
clutch interface. Shigley and Mischke [1] cited the equa-
tions of motion for the input and output inertia as Eq.
(32), assuming the input and output sides of the clutch have
constant inertia values with negligible energy transfer
losses.

T in ¼ �I in

Z
dxin

dt
; T out ¼ Iout

Z
dxout

dt
ð32Þ

Since the input torque and output torque at the clutch
interface must be equal, the general form of the energy
equation for heat generation (energy dissipation rate) is
as follows:

e ¼
Z

T
dx
dt

where x ¼ xin � xout ð33Þ

The total heat generated (total energy dissipated) for each
engagement was formulated from Eqs. (32) and (33) by
Howrie [20] and expressed in the following equation:

E ¼ 1

2

I inIoutðx2
in � x2

outÞ
Iout 1� T in

T d

� 	
þ I in 1� T out

T d

� 	 where T d ¼ ldNraveF

ð34Þ



Fig. 5. Time history of steel plate engagement heat flux – Trial 1.

Fig. 6. Time history of steel plate engagement heat flux – Trial 2.
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It is important to note that the net clutch engagement force
must consider the centrifugal pressure effects of the oil dur-
ing rotation and the opposing spring force.

With the appropriate assumptions, the heat generated at
each interface can be found by dividing the total energy
calculated from Eq. (34) by the total number of steel and
friction plate interfaces. First it is assumed that the hydrau-
lic loading force is equally distributed across the piston. It
is further assumed that the centrifugal hydraulic pressure
effects and opposing spring force are equally distributed
across the piston face. The net piston force is assumed uni-
formly transferred throughout the clutch at each interface
of the wet clutch. Furthermore, spline drag forces and ther-
moelastic pressure effects, which may cause localized pres-
sure gradients at interfaces, were neglected for this case.

With known heat generation at the interface, the energy
partitioning can be calculated using Eq. (25). Note that the
energy partitioning (f) only depends on the thermal proper-
ties of the steel and friction plate material (see Eqs. (23)–
(25)). The thermal properties of the steel plate and friction
plate are given in Table 2. It can be seen that the friction
plate material has very poor thermal conductivity in com-
parison to the thermal conductivity of the steel plate. It is
expected that most of the heat should enter the steel plates.
The energy partitioning value is found to be at a value of
95%, which means essentially all the heat is transferred to
the steel plate.

With the known energy partitioning, the heat entering
the steel plate is known. Due to symmetry, the heat that
enters the steel plate from the top and bottom surfaces
can be considered equal. Thus, Eq. (21) can be further sim-
plified to:

Hðr; z; tÞ ¼
X

Amne�að1þc2
nÞtC0ðgmrÞ cosðcnzÞ � q00

2k

� �
z

þ q00

kH

� �
z2 þ 2q00

qcpH

� �
t ð35Þ

where q
00

is the heat flux that enters the steel plate. Now, the
analytical temperatures can be calculated.

The clutch engagement test was repeated maintaining a
consistent engagement time and the two result sets is pre-
sented here. In each trial, the motor was run at 1000 rpm
and the subject clutch was disconnected and the output
inertia was not rotating. Over a period of time less then
one second, clutch oil pressure was increased gradually in
a ramp profile until full applied pressure was reached
(1.38 MPa). The engagement data were compiled and the
Table 2
Material physical properties

Thermal
conductivity
(W/m/K)

Density
(kg/m3)

Specific heat
(J/kg/K)

Thermal
diffusivity
(m2/s)

Steel plate 50.0 7860 460 1.38 � 10�5

Friction plate 0.261 1020 1500 1.70 � 10�7
heat flux into the steel plate was calculated using Eq.
(34). A detailed review of the data in Figs. 5 and 6 showed
that the clutch lock-up occurred at approximately 0.55 s
and 0.52 s, respectively. Note that the input inertia and
output inertia were 65 and 36 kg m2, respectively, while
the clutch capacity varied from 0 to 7385 Nm with chang-
ing oil pressure. The heat generated at each interface is
found by dividing the total energy calculated from Eq.
(34) by the total number of the steel and friction plate inter-
faces (i.e., 18 interfaces). The heat transfer rate to the steel
plate at each interface is calculated by multiplying the frac-
tion of the heat entering the steel plate from Eq. (25) (i.e.,
0.95 in this case). Figs. 5 and 6 demonstrate the time his-
tory of the steel plate heat flux. Since the analytical solution



Table 3
Comparison of hot spot types

Type Width (mm) Temperature (�C) Duration

Asperity <1 Up to 1200 <1 ms
Focal 5–20 750–1200 0.5–20 ms
Distortional 20–100 100–700 >10 s
Regional 50–200 10–100 >10 s
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is valid for constant heat flux input, time integration is per-
formed to calculate the averaged heat flux to the steel plate.
The averaged heat flux for each trial was found to be
125,950 W/m2 and 136532 W/m2. The calculated heat flux
was then used in the boundary conditions of the analytical
and numerical models previously developed to calculate the
temperature rise during one engagement. For the compar-
ison purpose, the surface temperature for the steel plate
was calculated at the mean radius. Experimental tempera-
tures T1 and T4 were collected from plate A (see Fig. 3),
while temperatures T2 and T3 were collected from plate
B. Figs. 7 and 8 shows the comparisons between theoretical
analyses and the experimental data. The signal delay in the
temperature measured must consider thermocouple junc-
Fig. 7. Temperature measurement considering instrument offset – Trial 1.

Fig. 8. Temperature measurement considering instrument offset – Trial 2.
tion size, additional slip ring junction and signal condition-
ing response time. Based on manufacturer specifications of
the instrumentation, the delay should be approximately
0.200 s and is factored in Figs. 7 and 8. It can be seen from
the figures that the analyses slightly over-predict the steel
plate temperature at the mean radius except the tempera-
ture near the lock-up time. This may be due to the effect
of ‘‘boundary lubrication stage” engagement in the early
time where there may have some convection effect due to
the oil-saturated porous media and the oil passing through
the grooves of the friction plate. Also, heat loss from the
inside and outside radius surfaces of the steel plate may
not be negligible, where an insulated boundary condition
was assumed in this study. For measured temperatures,
note that there exists a slight temperature rise during the
first 0.2 s in Figs. 7 and 8. This is due to the heat generated
by the viscous dissipation when two plates squeeze the
highly viscous fluid out of the gap between the steel and
the friction plates (Jang and Khonsari [11]).

Several studies have examined critical temperatures of
sliding interfaces leading to thermal failures. Anderson
and Knapp [2] took a specific look at hot spotting occur-
rences in automotive friction systems, including clutches
and brakes, due to excessive temperatures caused by the
sliding interfaces. They classified four types of hot spotting
occurrences as asperity, focal, distortional and regional.
These four types are defined by the affected region size
and compared in Table 3 (Anderson and Knapp [2]). Based
on the data collected in the subject experiment for the
engagement duration as shown in Figs. 5–8, the focal type
of thermal failure would be of concern. Ramifications of
this type could lead to thermal stresses in the steel plate
due to the formation of martensite and localized effects
on flatness. However, the high temperature ranges noted
in Table 3 reflect a case of thermoelastic instability and is
beyond the scope of study presented herein.

5.1. Uncertainty analysis

In meeting the objective of this investigation, tempera-
tures of several steel plates were recorded for clutch
engagements and compared to analytical and numerical
models using a heat flux boundary condition calculated
from measured parameters during the same aforemen-
tioned clutch engagement. Given that the instrumentation
used was properly calibrated to eliminate any fixed or bias
error, the validity of the experimental results must consider
the random error associated with each measured parame-



Table 4
Wet-clutch uncertainty parameters

Parameter (measured, calculated or
referenced)

Uncertainty
interval

Confidence
limit (%)

Temperature ±1.0 �C 95
Clutch oil pressure ±34.47 kPa 95
Input torque ±15 Nm 95
Output torque ±15 Nm 95
Input speed ±10 rpm 95
Output speed ±10 rpm 95
Input inertia ±0.65 kgm m2 99
Output inertia ±0.36 kgm m2 99
Average radius of interface surface ±2.54 � 10�5 m 99
Coefficient of friction ±0.002 95
Friction material thermal

conductivity
±0.005 W/m/K 95

Friction material density ±51 kg/m3 95
Friction material specific heat ±10 J/kg/K 95
Steel plate thermal conductivity ±0.5 W/m/K 95
Steel plate density ±78 kg/m3 95
Steel plate specific heat ±10 J/kg/K 95
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ter. From the normal distribution of the data (Trial 1 was
used for this study), an interval where the data will fall can
be defined. The likelihood or odds of a measurement falling
within the defined interval of the normal distribution must
also be made. These two values, defined as the uncertainty
interval and confidence limit, are given in Table 4 for each
parameter.

The parameters are described as measured, calculated or
referenced. This classification is made to better determine
all factors in establishing the uncertainty interval for each
parameter. For example, the temperature measurement
using the Type J thermocouple included the thermocouple
junction size and placement on the steel plate, the thermo-
couple wire, the slip ring, the signal conditioning module
and the data acquisition card (which includes analog-to-
digital conversion). Although great care was taken in creat-
ing the circuit to produce the electromotive force, the error
associated with the module in processing the signal was
similar to the error associated with the junction, wires
and slip ring.

Other measured parameters included clutch oil pressure,
input and output torque and speed. The strain gage based
transducer used to measure oil pressure had a high degree
of accuracy and was insignificant relative the error intro-
duced by the signal conditioner. The torque meter, also
strain gage based, did not offer as high of accuracy and
had to be accounted for along with the signal conditioning
when determining error. The Hall Effect sensor, like the
pressure transducer, was very accurate and insignificant
relative to the amplifier.

Input and output inertia values are classified as calcu-
lated parameters. The error associated with the component
inertia values is quite small after several calculations were
done, considering the tolerance of the manufactured parts.

Dynamic coefficient of friction values used for this study
were taken from test data previously generated for friction
material using the SAE friction material test procedure. A
significant number of trials have been done on the combi-
nation of friction material and steel plate combination,
which have been very repeatable. After reviewing numer-
ous coefficient of friction curves, a conservative estimate
of the interval was determined to be ±0.01.

Properties of the friction material were obtained from
the supplier, and plots were generated for thermal conduc-
tivity and specific heat for varying temperature. Given a
temperature range of 23–150 �C, the thermal conductivity
changed 2% while the specific heat changed 35%. Density
of the friction material is the most significant source of
uncertainty, since oil impregnates its pores until it becomes
saturated during the engagement process. As with the fric-
tion material properties, plots for thermal conductivity,
specific heat and density of the steel material were gener-
ated from reference material considering the same temper-
ature range of the friction material.

With the interval and confidence limits established, the
propagation of uncertainty within the calculations of the
dynamic torque clutch capacity, heat energy generated
and heat energy partitioning can be determined. Beginning
with the dynamic torque clutch capacity, recall Eq. (33)
and note the independent variables:

T d ¼ ldNraveF where T d ¼ T dðldNraveF Þ ð36Þ

As described in Fox and McDonald [21], the effect that a
measurement of an independent variable (xi) in Eq. (36)
has on Td may be estimated by analogy to the derivative
of a function. Defining a variation of an independent var-
iable as dxi would cause Td to vary according to:

ðdT dÞi ¼
oT d

oxi

dxi ð37Þ

If Eq. (37) is normalized with respect to Td and noting that
the uncertainty interval for xi is defined as dxi/xi, the uncer-
tainty of each independent variable of the dynamic torque
clutch capacity is:

U T d;i ¼
ðdT dÞi

T d

¼ 1

T d

oT d

oxi

dxi

xi

; xi ¼
xi

T d

oT d

oxi

dxi

xi

¼ xi

T d

oT d

oxi

U xi

ð38Þ

The estimate of the uncertainty in dynamic clutch torque
capacity due to the combined effects of all the independent
variable uncertainty intervals is best represented by sum-
ming the square of each uncertainty value and taking the
square root of that value.

UT d
¼ ½ðU T d;lÞ

2 þ ðUT d ;raveÞ
2 þ ðUT d;F Þ

2�0:5 ð39Þ

Note that the uncertainty of the number of plates was ex-
cluded since no uncertainty exists for that parameter.

This uncertainty analysis procedure is applied to the
heat generated (Eq. (33)) in the same manner.

E ¼ 1

2

I inIoutðx2
in � x2

outÞ
Iout 1� T in

T d

� 	
þ I in 1� T out

T d

� 	 ð40Þ



Table 5
Experimental uncertainty

Dynamic clutch torque
uncertainty

Thermal energy
uncertainty

Heat partition
uncertainty

5.20% 6.74% 3.50%
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where

E ¼ EðI in; Iout;xin;xout; T in; T out; T dÞ

The uncertainty of the heat generated is summarized by:

UE ¼ ðU E;I in
Þ2 þ ðU E;IoutÞ

2 þ ðU E;xin
Þ2 þ ðU E;xoutÞ

2
h

þ UE;T in
Þ2 þ ðU E;T outÞ

2 þ ðU E;T d
Þ2

� i0:5

ð41Þ

Likewise, the uncertainty analysis of the heat partition fac-
tor begins with Eq. (24).

P ¼ kf

ks

� � ffiffiffiffi
as

af

r
or P ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
kf cpf

qf

p
ffiffiffiffiffiffiffiffiffiffiffiffiffi
kscps

qs

p ð42Þ

where

P ¼ P ðkf ; cpf
; qf ; ks; cps

; qsÞ

The uncertainty of the heat partition factor is summarized
by:

UP ¼ ½ðU P ;kf
Þ2 þ ðUP ;cpf

Þ2 þ ðU P ;qf
Þ2 þ ðU P ;kxÞ

2

þ ðU P ;cps
Þ2 þ ðU P ;qs

Þ2�0:5 ð43Þ

With the data collected from the Trial 1, all analysis was
done for each data point collected and then averaged from
the initial condition to the initial point of lock-up. The re-
sults of the uncertainty analysis for Eqs. (39), (41) and (43)
are summarized in Table 5.

6. Concluding remarks

A combined theoretical and experimental thermal anal-
ysis is conducted on the plates within a wet clutch for one
engagement. An analytical model using the separation of
variables technique was developed to simulate the temper-
ature rise due to the non-conservative friction and relative
motion between the steel plates and friction plates of the
clutch. The energy partition for the steel and friction plates
is evaluated through temperature matching at the interface.
A fully implicit finite difference numerical analysis was
developed to calculate the temperature distribution in the
friction plate. A wet clutch was then instrumented with
thermocouples and installed in a power-shift transmission
to measure the temperature rise during engagement.
Finally, the temperature rises predicted by the analytical
and numerical models are compared to the experimental
data with reasonable agreements.

The scope of this paper limited the thermal analytical
model of the wet clutch engagement with simplifying
assumptions and determined the merit with experimental
data. As seen in Figs. 7 and 8, the experimental data tracks
the predicted data. Given the experimental results are not
captured precisely by the model reflect the non-linear nat-
ure of the actual engagement process. The non-linear fac-
tors include variations in plate-to-plate engagement
timing, asperity contact between plates and non-uniform
fluid flow between plates. With these and other factors
neglected, the test results trend matched closely to the pre-
dicted results.
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